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Investigation of Optimum
Refrigerant Charge and Fans’
Speed for a Vehicle Air
Conditioning System
In this study, the performance evaluation and optimization of a recently developed
battery-powered vehicle air conditioning (BPVAC) system is investigated. A mathemati-
cal model is developed to simulate the thermodynamic and heat transfer characteristics
of the BPVAC system and calculate the coefficient of performance (COP). Utilizing envi-
ronmental chambers and a number of measuring equipment, an experimental setup is
built to validate the model accuracy and to conduct performance optimization by chang-
ing the charge of refrigerant in the system. The model is validated and employed for per-
formance simulation and optimization in a wide range of speed for the evaporator and
condenser fans. The modeling results verify that for any operating condition an optimum
performance can be achieved by adjusting the speed of condenser and evaporator fans.
The optimum refrigerant charge is obtained, and a potential improvement of 10.5% is
calculated for the performance of system under ANSI/AHRI 210/240-2008 specifications.
[DOI: 10.1115/1.4034852]

Keywords: performance, optimization, air conditioning, vehicle, battery-powered

1 Introduction

Legislation of anti-idle rules as well as mass production of
hybrid and electric vehicles during the past years have been prom-
ising signs of green and sustainable energy development in trans-
portation industry. Air conditioning and refrigeration (A/C–R) as
one of the major energy consuming components in the transporta-
tion industry plays a key role in green and sustainable energy
development. The anti-idle rules and electric vehicle development
have brought to wide utilization of battery-powered air condition-
ing systems. Idling vehicle engines, which is defined as running
the engine to power the auxiliaries while the vehicle is not mov-
ing, consumes a tremendous amount of energy leading to large
quantities of greenhouse gas emissions. Only in the U.S., idling
consumes about 6� 109 gal of oil and causes emissions of more
than 130 ton of particulate matter, 12� 106 ton of CO2, 35,000
ton of NOx, and 36,000 ton of CO each year [1,2]. In response to
the increasing awareness of the adverse effects of idling engines
on human health and environment, many cities around the world
have instituted idling restrictions and bans especially for long-
haul trucks. The idling limitation has caused a major difficulty for
truck drivers and created a great demand for the battery-powered
air conditioning systems [1,3]. MacDonald et al. [4] generally
assessed alternative anti-idle air conditioning systems that can
respond to this demand. They concluded that the battery-powered
vehicle air conditioning (BPVAC) system is one of the promising
alternatives toward eliminating the engine idling. Due to impact
of BPVAC systems on the global fuel consumption and environ-
ment, a performance evaluation and optimization study on these
systems is required.

Although there are numerous studies in the literature with focus
on air conditioning (A/C) system in different applications, the
number of studies relevant to general category of vehicle air con-
ditioning (VAC) systems is restricted [5–14]. In addition, due to

harsher working environment caused by sun exposure, lack of
appropriate insulation of conditioned spaces, movement of the
vehicle, and frequent door opening for loading or unloading pur-
poses, the coefficient of performance (COP) is relatively low in
VAC systems. However, while the performance evaluation and
optimization of the stationary A/C systems have been included in
several studies, the literature lacks comprehensive studies on the
performance optimization of the VAC systems. Al-Rashed [13]
studied the effects of evaporator temperature on the COP of a sta-
tionary vapor compression refrigeration system and obtained an
optimal COP by changing this temperature. Green et al. [12] intro-
duced a performance function that encompassed food quality,
energy efficiency, and system reliability, to enable performance
assessment and optimization of a supermarket refrigeration sys-
tem. They studied the effects of thermostatic set point temperature
as the control parameter to optimize the defined performance
function. Sahin and Kodal [14] presented a finite-time thermoeco-
nomic performance model for a two-stage refrigerator and deter-
mined the optimal operation and design parameters of the
refrigerator based on the thermoeconomic criterion. They mainly
focused on the effects of investment and energy costs in designing
a high-efficiency cascade refrigerator and demonstrated that the
economical parameter had a great influence on the optimal operat-
ing and design parameters.

A majority of the studies in the field of VAC systems is related
to assessment of refrigerant type effects on the characteristic and
the performance [11,15–18]. A variety of other important parame-
ters including refrigerant charge, compressor speed, and ambient
temperature have also been considered through the VAC system
studies. Ratts and Brown [19] experimentally analyzed the COP
of a passenger car A/C system focusing on relationships between
the COP, the compressor revolution, and the vehicle speed. Their
analysis showed that the performance of the system degraded by
increasing the vehicle speed. Wang et al. [20] experimentally
showed that the COP of a VAC system decreased by increment of
the refrigerant charge, condensing temperature, and compressor
speed, and increased by increment of the evaporator air inlet tem-
perature. They reported the value of COP in the range of 1.1–2.5
for a variety of operating condition. Macagnan et al. [21]
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experimentally investigated into the effects of refrigerant charge
and compressor speed on the cooling power and performance of a
typical VAC and showed that although the refrigerant charge did
not sensibly affect the VAC system characteristics, the compres-
sor speed caused a variation of the system COP in a range of
1–1.8.

Alkan and Hosoz [22] experimentally compared a variable
capacity compressor (VCC) and a fixed capacity compressor
(FCC) for a VAC system in different engine rotational speeds as
well as evaporator and condenser air stream characteristics. It was
shown that although the COP of VCC system during low-engine
rpm operations is slightly poorer, it surpasses the COP of FCC
system at higher rpms. Moreover, the COP of FCC system
decreases persistently by the compressor speed increment. Jabardo
et al. [23] studied the effects of compressor speed and the evapo-
rator and condenser inlet air temperatures on the performance of a
VAC by developing a steady-state thermodynamic simulation
model. The transient behavior of a VAC system was studied by
Tian and Li [24] using a quasi-steady-state model. Also, the
effects of refrigerant charge and condenser size on the perform-
ance of a typical VAC were studied by Lee and Yoo [10] based
on a mathematical model.

The comprehensive literature review indicates that the perform-
ance evaluation of BPVAC has not been studied in-depth, and the
pertinent literature lacks the following:

� performance behavior of BPVAC systems under realistic
operating conditions.

� performance optimization of an existing BPVAC system by
adjusting the fans’ speeds and refrigerant charge. This con-
cept will be expandable to any existing air conditioning and
refrigeration system and applicable with no cost or changes
in the system elements or configuration.

The present study aims to develop a mathematical model as
well as an experimental setup for investigating the performance
characteristics of a currently used BPVAC unit in trucks for anti-
idling purposes. The study includes a comprehensive performance
evaluation of the unit toward finding the optimum performance
for a variety of refrigerant charge as well as condenser and evapo-
rator fans’ speeds, which are practical with no cost or changes on
the system configuration. The results of this study are expandable
to any A/C system and can be employed in future for developing
an intelligent control module to adjust the fans’ speeds for optimal
operation achievement under any ambient condition.

2 Mathematical Model

In this section, a mathematical model is developed for evaluat-
ing the performance of BPVAC system and to simulate thermody-
namic parameters under various working conditions. The major
output parameter from the modeling of any A/C system is the
coefficient of performance (COP¼ cooling power/input power).
In addition to the COP, other parameters of an A/C system,
including cooling power, input power, and refrigerant mass flow
rate, are obtained from the modeling results.

2.1 Compressor Model. Based on volumetric, electrical, and
mechanical efficiencies of a compressor, its thermodynamic
model can be developed [8,25]. It was shown that this approach
had a good agreement with experimental data [26]. As such, the
refrigerant mass flow rate and power consumption by the
compressor can be obtained using Eqs. (1) and (2) provided in
Table 1. These equations yield a maximum of 1.8% discrepancy
when compared to the manufacturer’s data. Based on these equa-
tions, with known inlet conditions, the state point of refrigerant
gas at the compressor discharge can be determined.

2.2 Condenser and Evaporator Models. Energy balance
correlations between the refrigerant and air flows in condenser

and evaporators are used to model heat transfer in these compo-
nents. In the present study, an e� NTU model is employed to
derive the mathematical model for the condenser and evaporator
[27]. In this approach, the effectiveness e is defined as the ratio of
the actual heat transfer to the maximum possible heat transfer,
which Eq. (3), see Table 1. The maximum possible heat transfer is
defined in Eq. (4). The actual heat transfer between the air stream
and the refrigerant flow can be calculated using Eq. (5). To use
this equation, e is required to be found from Eqs. (6) and (7). Fur-
thermore, the convective heat transfer coefficients are calculated
using Eqs. (8) and (9), respectively, for one-phase and two-phase
regimes [27–30].

For the selected BPVAC system, the condenser and evaporator
specifications are obtained from the manufacturer’s data and in-
lab measurements. In addition to the heat transfer model for the
condenser and evaporator, map-based correlations are employed
to obtain the fans’ electric power consumption using manufac-
turer’s datasheets [31], see Eq. (10) in Table 1.

2.3 Thermostatic Expansion Valve (TEV) Model. Follow-
ing Ref. [32], an isenthalpic model is selected for thermodynamic
simulation of the thermostatic expansion valve in the present
study. In this model, as a result of adiabatic assumption, the inlet
and outlet refrigerant enthalpies are considered the same, see
Eq. (11).

2.4 Numerical Solver. Developing the mathematical model
for BPVAC system, including Table 1 correlations and the con-
denser and evaporator overall heat transfer relationships as well as
thermodynamic properties’ correlations of HFC-134a (the most
widely used refrigerant in transportation industry), leads to a set
of 20 coupled nonlinear equations that has to be solved simultane-
ously. The BPVAC system unknown parameters ðx1 � x20Þ, which
are calculated using the mathematical model, are listed in Table 2.

The set of coupled and nonlinear equations are arranged in the
form of Eq. (12). Due to nonlinearity and coupling of these equa-
tions, a numerical method is required for the solution. As such, an
iterative numerical solver is developed based on
Newton–Raphson method to solve the set of complex equations
[33]. During the iterative numerical solution, starting from an ini-
tial approximation the unknowns are calculated at any iteration
ðnÞ and then used for the next iteration ðnþ 1Þ as represented in
Eq. (13). The iterative procedure continues until the maximum
relative residual of the unknown parameters is less than 10�3

g1ðx1 ¼ cooling power; x2 ¼ Wcomp; : : : ; x20 ¼ hTEV;inÞ ¼ 0

g2ðx1 ¼ cooling power; x2 ¼ Wcomp; : : : ; x20 ¼ hTEV;inÞ ¼ 0

:
:

g20ðx1 ¼ cooling power; x2 ¼ Wcomp; : : : ; x20 ¼ hTEV;inÞ ¼ 0

8>>>><
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3 Experimental Setup

A test-bed is designed and built to study the effect of refrigerant
charge on the performance of a BPVAC system. The experimental
results are also employed for model verification purpose. The test-
bed is equipped with two separate environmental chambers to pro-
vide any desired temperature and humidity conditions for the
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Table 1 Mathematical model correlations

Compressor submodel

_mref;comp ¼ NVqref;comp;ingv

(1)

Wcomp ¼
_mref;comp href;comp;out � href;comp;inð Þ

gEgM

(2)

Condenser and evaporator submodel

e ¼
_Q

_Qmax

(3)

_Qmax ¼ CminðThot;in � Tcold;inÞ
(4)

_Q ¼ eCminðThot;in � Tcold;inÞ
(5)

e ¼ 1� exp½�NTUð1� C�Þ�
1� C� exp½�NTUð1� C�Þ�

(6)

C� ¼ Cmin

Cmax

; NTU ¼ UA

Cmin

(7)

Nu1�ph ¼ 0:023Re0:8Pr0:4
(8)

Nu2�ph ¼ 0:023Re0:8Pr0:4 1� cð Þ0:8 þ 3:8c0:76 1� cð Þ0:04

P

Pcr

� �0:38

2
64

3
75

(9)

Wf ¼ Wf ;nom c0 þ c1

_ma

_ma;nom

� �
þ c2

_ma

_ma;nom

� �2

þ c3

_ma

_ma;nom

� �3
 ! (10)

Expansion valve submodel

hTEV;in ¼ hTEV;out

(11)

Fig. 1 Experimental setup schematic (solid lines 5 air flow, dashed lines 5 refrigerant flow,
T 5 temperature sensor, P 5 pressure sensor, M 5 mass flow meter, V 5 velocity meter, and
RH 5 relative humidity sensor)
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evaporator and condenser of the BPVAC system. In addition, the
test-bed consists of a BPVAC system with duct connections to the
environmental chambers. The BPVAC system consists of a con-
stant speed scroll compressor, a variable speed axial fan for con-
denser, a variable speed centrifugal fan for evaporator, two
finned-tube coils as evaporator and condenser, a thermostatic
expansion valve (TEV), a manual temperature and evaporator air
speed controller, and a power control unit. Same as the most air
conditioning and refrigeration systems in the transportation indus-
try, the BPVAC is charged with HFC-134a. A schematic of the
test-bed is presented in Fig. 1. A number of temperature, pressure,
and relative humidity sensors as well as velocity and mass flow
meters are employed in the test-bed to obtain the experimental
data.

Figure 2 shows the built test-bed. The condenser-side air duct is
detached for this photo to have a better vision. The employed
BPVAC system is powered by DC power supplies to simulate a
package of two 12 V batteries, which are directly charged by the
engine alternator of vehicle in actual condition. At four spots on
the evaporator and condenser air streams, T-type thermocouples
with 60.1 �C accuracy are installed. Furthermore, two wind sen-
sors with 60.15 m/s accuracy, refrigerant mass flow meter with
0.5% accuracy, other T-type thermocouples, and pressure trans-
ducers with 0.25% accuracy are installed at different spots of the
BPVAC unit to measure the required parameters from air and
refrigerant sides. The power draw by the system components is
also measured directly by the DC power supplies. All the input
data from thermocouples, pressure transducers, refrigerant flow
meter, air velocity meters, and power supplies are collected by an

NI instrument data acquisition system (DAQ) and sent to a com-
puter with a frequency of 60 Hz. The acquired data are then writ-
ten on text files by a LABVIEW program. It should be mentioned
that the maximum uncertainty for total electric power and COP
measurements are 61 W and 60.02, respectively.

4 Results and Discussion

The main goal of this study, as a proof-of-concept demonstra-
tion for no-cost optimization of COP, is to obtain the optimum
point of operation for an available BPVAC system without replac-
ing any component of it. The only adjustable variables of such
system are (1) the amount of refrigerant charge in the system and
(2) the capacity of the all the controllable components. The
employed system for this study is a BPVAC system described in
Sec. 3 that is equipped with variable speed fans on both the evapo-
rator and condenser sides. Accordingly, the amount of refrigerant
charge, evaporator fan speed, and condenser fan speed are varied
in a wide range, while the other parameters of the system are kept
constant. As such, the performance behavior of the system is
investigated to obtain an optimum point of operation. To keep the
operational conditions constant among all of the experiments and

Table 2 Output parameters of the mathematical model

Cooling power Wcomp Wf ;cond Wf ;evap Heat rejection
COP NTUevap NTUcond eevap econd

Tc hevap,in _mref Te hg at Te

hcomp,in hcomp,out hg at Tc hf at Tc hTEV,in

Fig. 2 Experimental setup

Fig. 3 Refrigerant mass flow rate and cycle pressure ratio ver-
sus refrigerant charge—experimental data
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simulations, the standard performance requirements of ANSI/
AHRI 210/240-2008 are considered in this study. However, the
simulations and measurements are performed for other operational
conditions, and same trends and behavioral characteristics are
observed. Therefore, in this paper, only the results of tests and
simulations based on ANSI/AHRI 210/240-2008 requirements are
presented that are expandable to other operating conditions.

4.1 Optimum Performance by Refrigerant Charge
Variation—Experimental Study. A few studies in the literature
provided the behavior of COP versus refrigerant charge of A/C
systems. Even though in Refs. [34] and [35] it was shown that the
COP is affected by changing the refrigerant charge, Macagnan
et al. [21] claimed that this effect is not sensible. Therefore, the
effect of refrigerant charge on the behavior of the BPVAC system
is experimentally investigated in this paper by changing the
charge of HFC-134a in a wide range of 0.2–1.2 kg. Figure 3 shows
the variation of refrigerant mass flow rate and cycle pressure ratio,
which is defined as the ratio of condensing pressure to evaporating
pressure, versus refrigerant charge. To study only the effects of
refrigerant charge as a key parameter of the system, all the tests of
this section are performed for the same evaporator and condenser
air inlet temperatures (Ta;evap;in; Ta;cond;in) of 26.7 and 35 �C,
respectively, based on ANSI/AHRI 210/240-2008. From Fig. 3,
one can conclude that increasing the refrigerant charge from a
small quantity (0.2 kg) first increases the cycle pressure ratio and
correspondingly decreases the refrigerant mass flow rate; how-
ever, the rate of changes becomes less sensible after a specific
charge (�0.75 kg). As expected, enhancement of the cycle pres-
sure ratio by increase of the refrigerant charge has reduced the
refrigerant flow rate (see Fig. 3).

Figure 4 represents the behavior of cooling power and power
consumption (electrical) of the system versus refrigerant charge.
The power consumption is directly measured using a digital clamp
meter. In addition, the cooling power is calculated based on meas-
ured air flow rate and obtained air enthalpy at the evaporator entry
and exit. The enthalpy is obtained using psychrometric data based
on the dry bulb temperature and relative humidity measured dur-
ing the experiments.

This figure indicates that by increasing the refrigerant charge,
the cooling power first increases significantly and then slightly
drops which leaves an area of maximum value around the charges
of 0.6–0.75 kg. For the small charges, lack of enough refrigerant
liquid to evaporate in the evaporator and provide the cooling
effect is the main reason of significantly lower cooling capacity.
A slight drop in the cooling power of the system after charge of
0.75 kg is due to slight increase of the evaporating temperature in
the evaporator caused by a higher evaporating pressure. In fact,
the increase of evaporating temperature reduces the temperature

gradient between the refrigerant and air flows that lowers the cool-
ing power of the system.

Figure 4 also shows that the system power consumption
increases continuously by increasing the refrigerant charge. The
power consumption increment is mainly because of the cycle pres-
sure ratio increment that imposes higher torque on the compressor
shaft.

The variation in the COP of system is also obtained from power
consumption and cooling power and plotted in Fig. 5. Based on
the described behavior of cooling power and power consumption
of the system, the behavior of COP can be explained. Due to sig-
nificant increase of the cooling power by increasing the refrigerant
charge at smaller charges, the COP of the system increases
remarkably. However, increasing the refrigerant charge beyond
specific amount causes a reverse behavior of COP. The COP dec-
rement after a specific charge is due to power consumption incre-
ment, while the cooling power is decreasing slightly. Thus, the
system COP shows an increment–decrement behavior versus
refrigerant charge that leaves a range of maximum values.

Based on the obtained results, for the BPVAC system in this
study, the most appropriate refrigerant charge to achieve the maxi-
mum COP is determined as 0.75 kg. The maximum COP of the
system working at nominal fans’ speed and under ANSI/AHRI
210/240-2008 condition is obtained as 1.35. In Sec. 4.3, the effect
of fans’ speed on the COP will be investigated.

4.2 Model Verification and Performance Evaluation for
Different Ambient Conditions. The developed mathematical
model is first verified using the experimental data and then
employed for parametric study on the effect of fans’ speeds on the
performance behavior of the system. In Fig. 6, four major outputs
of the model simulations including refrigerant flow rate, power
consumption, cooling power, and COP of the system are com-
pared with experimental results. The simulations and experiments
are performed under a wide range of operating condition to assure
comprehensive accuracy verification. The results show a good
agreement between simulation and experimental results. The max-
imum relative difference between the simulation outputs and the
measured values is 10.6% emerging from cooling load results. For
the rest of presented parameters, the maximum relative discrep-
ancy between the modeled and the measured values is less than
10%.

Based on the presented results in Fig. 6, one can conclude that
by increasing air temperature entering the condenser ( Ta;cond;in)
for any constant air temperature entering the evaporator
( Ta;evap;in), the refrigerant mass flow rate increases. In addition,
due to the refrigerant mass flow increase as well as the pressure
ratio changes in the cycle, the total power consumption enhances
by increasing Ta;cond;in. Furthermore, by increasing Ta;cond;in for
any constant Ta;evap;in, the cooling capacity of the system

Fig. 4 Cooling power and total power consumption versus
refrigerant charge—experimental data Fig. 5 COP versus refrigerant charge—experimental data
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decreases. Consequently, for any constant Ta;evap;in, the power
consumption increment and the cooling power decrement by
increasing Ta;cond;in lead to a COP reduction. Based on these veri-
fied results, the performance of system significantly drops in
warmer ambient conditions (higher Ta;cond;in); however, it slightly
increases by increasing the temperature of conditioned space
(higher Ta;evap;in).

4.3 Optimum Performance by Evaporator and Condenser
Fans’ Speed Variation—Modeling Results. As described in
Sec. 3, the employed BPVAC system in this study is equipped

with a constant speed compressor and two variable speed fans.
Therefore, the adjustment of evaporator and condenser fans’
speed, which affects the power consumption as well as the cooling
power, can be an area of performance optimization for the system.
To investigate the effects of fans’ speed on the system perform-
ance, in this section, a wide range of the condenser air flow rate
_ma;cond and the evaporator air flow rate _ma;evap is modeled, and the

results are presented. For all the results of this section, the refrig-
erant charge is assumed to be kept at the obtained optimum value
of 0.75 kg (Sec. 4.1) to achieve the highest performance. It should
be mentioned that based on the performed experiments, the opti-
mum charge does not change sensibly by operational conditions.

Fig. 6 Verification of the model results (lines) with experimental data (symbols)

Fig. 7 Total power consumption versus condenser and evapo-
rator air flow rates ð _ma;cond; _ma;evapÞ

Fig. 8 Cooling power versus condenser and evaporator air
flow rates ð _ma;cond; _ma;evapÞ
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As such, changing the fans’ speed that leads to variation in opera-
tional conditions does not affect the found optimum charge of
refrigerant for the system.

A wide range of applicable evaporator and condenser fans’
speed are simulated in this section. For this purpose, the air flow
rate through condenser ( _ma;cond) and evaporator ( _ma;evap) that rep-
resents the condenser and evaporator fans’ speed is varied in the
model. However, the ranges of variation for the rotational speed
of condenser and evaporator fans are restricted. A small speed of
the evaporator fan leads to frost formation on the evaporator coil.
Furthermore, a large speed of the evaporator fan may cause noise
and discomfort for the people in the conditioned space. For the
condenser fan, a small rotational speed may bring to insufficient
heat rejection from the condenser coil that reduces the compressor
lifetime. In addition, a large speed for the condenser fan brings to
a noisy and inefficient operation of the system.

In Figs. 7–9, the behavior of power consumption, cooling
power, and COP of the system for a wide range of _ma;cond and
_ma;evap is plotted. For all the presented results, the evaporator and

condenser air inlet temperatures (Ta;evap;in; Ta;cond;in) are kept
equal to 26.7 and 35 �C, respectively, based on ANSI/AHRI 210/
240-2008. The simulations are also performed for other opera-
tional conditions, and similar trends are obtained. Based on the
obtained results, the following can be concluded:

� The condenser air flow rate _ma;cond (or condenser fan speed)
affects the condensing temperature that has direct relation-
ship with condensing pressure. By increasing _ma;cond, the
condensing temperature decreases which results in lower
condensing pressure that reduces the compressor power con-
sumption. However, the power consumption of condenser
fan increases by increasing _ma;cond. Eventually, by increasing
_ma;cond, the total power consumption first decreases to a point

of minimum power due to predominance of compressor
power reduction, and then starts increasing due to predomi-
nance of condenser fan power increment (see Fig. 7).

� The evaporator air flow rate _ma;evap (or evaporator fan speed)
is directly proportional to the cooling power of system.
Increasing _ma;evap for any _ma;cond brings to an increment of
the cooling power due to increment of the heat transfer rate
through the evaporator. Also, the condenser air flow rate
_ma;cond is an effective parameter on the cooling power

because of changing the condensing pressure that affects the
refrigerant mass flow rate and the cycle pressure ratio.
Totally, the cooling power increases by increasing either
_ma;cond or _ma;evap; however, the rate of increment at smaller
_ma;cond or _ma;evap is more remarkable (see Fig. 8).

� For any constant _ma;evap, by increasing _ma;cond, the COP of
system first increases to a point of maximum value because

of the cooling power increment and the power consumption
decrement, and then it starts to decrease that leaves a point of
maximum COP for the system (see Fig. 9).

� The magnitude of the maximum COP of system increases by
increasing _ma;evap until it reaches a point beyond which the
maximum COP starts to decrease. That point returns the opti-
mum simultaneous setting of both fans to achieve the highest
COP of the system, see Fig. 9. This figure shows that
although the rate of maximum COP variations is significant
at smaller _ma;evap, it becomes nearly negligible at larger
_ma;evap.

� The maximum obtained COP of the system under ANSI/
AHRI 210/240-2008 condition is 1.49, which is achievable
by setting the evaporator and condenser fans’ speeds to blow
0.085 and 0.333 kg/s flow rates, respectively. Thus, if the
fans are adjusted to blow the abovementioned flow rates, the
COP can be enhanced from 1.35, previously found in
Sec. 4.1 for the nominal speeds of the fans, to 1.49. This
adjustment brings to 10.5% performance improvement of the
VAC system under the same operational condition.

The simulations are also performed for other air-side tempera-
tures than the ANSI/AHRI 210/240-2008 specifications that show
similar trends for power consumption, cooling power, and COP of
the system. Therefore, it is concluded that for any desired condi-
tioned room temperature (cabin temperature of vehicle in BPVAC
system) and any ambient temperature, optimum evaporator and
condenser fans’ speed (corresponding to optimum _ma;evap,
_ma;cond) can be obtained to achieve the highest COP of the system.

Based on this finding, the performance of existing BPVAC system
(and any other VAC system equipped with variable speed fans)
can be significantly improved to achieve a high level of energy
conservation by designing a controller that first simulates the
VAC system and finds its optimum evaporator and condenser
fans’ speeds (those contribute to the highest COP) and then com-
mands the fans accordingly.

5 Conclusions

This paper presented a mathematical and experimental investi-
gation into the performance of a battery-powered vehicle air con-
ditioning (BPVAC) system as a promising alternative for green
and sustainable energy transportation. A mathematical model was
developed, and a test-bed was built using a typical BPVAC sys-
tem. Various temperature, pressure, electric power, and flow rate
measuring devices were utilized in the test-bed to collect real-
time data for the mathematical model verification and experimen-
tal study. Utilizing the experimental setup and the verified model,
a comprehensive study on the thermal and performance character-
istics of the BPVAC system for a wide range of effective parame-
ters, including refrigerant charge as well as condenser and
evaporator air flow rates, was carried out. The followings were
concluded from the study:

� Increasing the refrigerant charge from a relatively low quan-
tity increases the cycle pressure ratio, power consumption,
cooling power, and COP. However, after a specific range of
charge, the cooling power and COP drop and the pressure
ratio variation becomes smaller, while the power consump-
tion continuously increases. Therefore, there is an optimum
amount of refrigerant charge that results in maximum COP
for the system (0.75 kg of HFC-134a for the studied system
that results in COP¼ 1.35).

� The COP decreases by increasing the condenser air inlet tem-
perature (Ta;cond;in) for any constant evaporator air inlet tem-
perature (Ta;evap;in) due to the cooling power reduction and
power consumption increment.

� Increasing the evaporator air flow rate ( _ma;evap), which repre-
sents the evaporator fan speed increment, for any constant
condenser air flow rate ( _ma;cond) increases the cooling power

Fig. 9 COP versus condenser and evaporator air flow rates
ð _ma;cond; _ma;evapÞ
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and total power consumption of the system. The rate of such
increments is more significant at smaller _ma;evap values.

� Increasing _ma;cond (equivalent to increasing the speed of con-
denser fan) for any constant _ma;evap slightly increases the
cooling power of the system. However, due to decrease of
the power consumption by the compressor and increase of
the power consumption by the condenser fan, the total power
consumption of the system first decreases (at lower _ma;cond)
and then increases (at higher _ma;cond). Eventually, the COP
first increases and then decreases that leaves a point of maxi-
mum COP for the system. The results showed that there is a
potential of 10.5% performance improvement for the system
only by changing the fans’ speed under a same condition of
ANSI/AHRI 210/240-2008.

� Based on the obtained COP behavior, the performance of
existing BPVAC systems can be remarkably optimized by
frequent checking of the refrigerant charge (to be kept at
optimum amount) and ambient-based controlling of the fans’
speed. This achievement is expandable to all VAC systems
equipped with variable speed fans. As such, a significant
amount of energy can be conserved globally by utilizing the
obtained concept to develop the intelligent fans’ speed con-
trollers for the VAC systems.
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Nomenclature

C ¼ thermal capacity ðW �C�1Þ
c0 to c3 ¼ fan power consumption constants

C� ¼ thermal capacity ratio (Cmin:C
�1
max)

g1 to g20 ¼ model equations
h ¼ enthalpy ðkJ ðkg �CÞ�1Þ
_m ¼ mass flow rate ðkg s�1Þ
N ¼ compressor rotational speed ðrpsÞ

NTU ¼ number of transfer units
Nu ¼ Nusselt number

P ¼ pressure ðkPaÞ
Pr ¼ Prandtl number
_Q ¼ heat transfer rate ðWÞ

Re ¼ Reynolds number
T ¼ temperature ð�CÞ

UA ¼ overall heat transfer coefficient ðW �C�1Þ
V ¼ compressor displacement ðm3 r�1Þ
W ¼ power consumption ðkWÞ

x1 to x20 ¼ model variables
c ¼ vapor quality

Subscripts/Superscripts

a ¼ air
c ¼ condensing

comp ¼ compressor
cond ¼ condenser

cr ¼ critical
e ¼ evaporating
E ¼ electrical

evap ¼ evaporator
f ¼ fan
g ¼ gas

in ¼ inlet
l ¼ liquid

M ¼ mechanical
max ¼ maximum
min ¼ minimum

n ¼ iteration step number
nom ¼ nominal

out ¼ outlet
ref ¼ refrigerant

TEV ¼ thermostatic expansion valve
v ¼ volumetric

1� ph ¼ one-phase flow
2� ph ¼ two-phase flow

Greek Symbols

e ¼ heat exchanger effectiveness
g ¼ efficiency
q ¼ density ðkg m�3Þ
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